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Transfer functionAbstract In this paper, taking two degrees of freedom on the armature–ﬂapper assembly into
account, a seventh-order model is deduced and proposed for the dynamic response of a two-stage
electro-hydraulic servo valve from nonlinear equations. These deductions are based on fundamental
laws of electromagnetism, ﬂuid, and general mechanics. The coefﬁcients of the proposed seventh-
order model are derived in terms of servo valve physical parameters and ﬂuid properties explicitly.
For validating the results of the proposed model, an AMESim simulation model based on physical
laws and the existing low-order models validated by other researchers through experiments are used
to compare with the seventh-order model. The results show that the seventh-order model can reﬂect
the physical behavior of the servo valve more explicitly than the existing low-order models and it
could provide guidance more easily for a linear control design approach and sensitivity analysis
than the AMESim simulation model.
ª 2014 Production and hosting by Elsevier Ltd. on behalf of CSAA & BUAA.
Open access under CC BY-NC-ND license.1. Introduction
Two-stage electro-hydraulic servo valves are playing a signiﬁ-
cant role in high-precision electro-hydraulic servo-systems in
which accurate position control is required and have a signiﬁ-
cant inﬂuence on the performance of the whole electro-hydrau-
lic servo-systems. They are capable of converting low electricalsignals for precise movements of spools to control high-power
on low-speed hydraulic actuators.1,2
Many attempts for modeling and studying the dynamic
characteristics of electro-hydraulic servo valves and their com-
ponents have been carried out. For this research area, Merritt1
has done a lot of useful work to explain the working principle
of electro-hydraulic servo valves and proposed an ideal math-
ematical model for electro-hydraulic servo valves which has
been widely distributed and followed by many authors of
books and research papers. In later studies, considering the
effects of some non-linearities in the form of transfer functions
or state-space equations, many other researchers3,4 established
higher-order models which gave a more realistic explanation of
the behavior of servo valves. Gordic et al.5,6 investigated the
effects of the variations of torque motor parameters on servo
valve performance and also proposed a comprehensive
mathematical model of spool position feedback servo valves.
Fig. 1 Schematic diagram of a two-stage electro-hydraulic servo
valve.
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et al.7–9 studied the inﬂuence of magnetic ﬂuids on the dynamic
characteristics of the torque motor and observed that magnetic
ﬂuids could increase the stability of the torque motor. Urata10–
14 has done much useful and signiﬁcant research on the effects
of unequal air gap, magnetic reluctance and leakage ﬂux of
permanent magnets, and magnetic stiffness of torque motors.
In recent years, Dasgupta and Murrenhoff15 gave a compre-
hensive model of a closed-loop servo valve-controlled hydro-
motor drive system by using the bondgraph simulation tech-
nique. Mu and Li16 deduced a non-linear model to improve
the dynamic response of the main spool. Jiao et al.17,18 inves-
tigated the model and matching design of electro-hydraulic
load simulator control by a closed-loop servo valve. The cav-
itation phenomenon in the ﬂapper-nozzle pilot stage of an elec-
tro-hydraulic servo valve with an innovative ﬂapper shape was
understood in the research of Li et al.19,20
However, in previous research, all have supposed an arma-
ture–ﬂapper assembly with one degree of freedom. Merritt1
proposed a third-order model and Kim3,4 proposed a ﬁfth-
order model. The difference between Merritt’s model and
Kim’s model is that the spool valve resonance and pressure
feedback on the ﬂapper are ignored in Merritt’s model.
In this work, considering an armature–ﬂapper assembly
with two degrees of freedom, i.e., a rotation degree provided
by electromagnetic torque and a translation degree provided
by ﬂow force, a new mathematical model for the dynamic
response of two-stage electro-hydraulic servo valves is
deduced. State equations are used during the deduction. While
the nature of electro-hydraulic servo-systems is nonlinear, it is
often desirable to have a linear model for a linear control
design approach and sensitivity analysis. Therefore, an accu-
rate linear model for electro-hydraulic servo-systems would
be useful for valve design in tailoring the valve dynamics from
a control standpoint as well as for high-performance control
system design. This new mathematical model offers a sev-
enth-order linear model for the dynamic response of two-stage
electro-hydraulic servo valves. At the end of this paper, in
order to verify the proposed seventh-order model, an AMESim
simulation model based on physical laws and the existing low-
order models validated by other researchers through experi-
ments are used to compare with this seventh-order model.
The results demonstrate that the seventh-order model can
reﬂect the physical behavior of a servo valve more explicitly
than the existing low-order models and it could provide guid-
ance more easily for a linear control design approach and sen-
sitivity analysis than the AMESim simulation model.Fig. 2 Schematic diagram of the armature–ﬂapper assembly.2. Working principle of electro-hydraulic servo valves
The schematic diagram of an electro-hydraulic servo valve is
illustrated in Fig. 1. This type of electro-hydraulic servo valve
consists of two stages1,2: the ﬁrst stage is a double nozzle–ﬂap-
per valve which consists of a toque motor, a ﬂapper, two noz-
zles, and a feedback spring, and the second stage is a precision
ground four-way control spool.
The function of the nozzle–ﬂapper valve driven by the tor-
que motor through electrical signals is like a hydraulic ampli-
ﬁer putting out a large hydraulic signal to control the position
of the spool. Two variable throttle oriﬁces are formed by the
annular area between the nozzles and the ﬂapper when theﬂapper moves between the two nozzles. Here, i1 and i2 are
the input electrical signal applied to the coil, pa and pb are
the inlet or outlet pressure of the load. When there is no elec-
trical signal applied to the coil, the armature stays in the mid-
dle between the yokes. This leads the ﬂapper be kept in the
middle of the two nozzles, so the pressures at the ends of the
spool are equal, and the force balance created by equal pres-
sure in both end chambers holds the spool in a stationary posi-
tion. When there is an electrical signal applied to the coil, it
generates an electromagnetic torque on the armature ends to
deﬂect the armature–ﬂapper assembly from the neutral posi-
tion. The ﬂapper moves closer to one nozzle decreasing the
ﬂow area through this nozzle and letting that of the other noz-
zle increase. Hydraulic oil is jetted out from both of the nozzles
to the ﬂapper, in relation to the two ﬁxed oriﬁces on both sides,
which therefore results in a differential pressure over the spool.
This differential pressure drives the spool to slide, and the dis-
placement of the spool valve will be fed back to the ﬂapper by
the feedback spring. The spool continues to move until the
equilibrium between the pressure difference over the spool,
the ﬂow forces, and the feedback spring force reaches, and
then the servo valve will deliver an output ﬂow proportional
to the input current.
3. Mathematical model for dynamic response of servo valve
Fig. 2 shows the schematic diagram of the armature–ﬂapper
assembly. Considering the ﬂow force working on the ﬂapper,
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which are the rotational displacement of the armature–ﬂapper
assembly and the translational displacement of its center of
gravity.21 The applied torque on the armature results in deﬂec-
tion of the ﬂapper. A change in the position of the ﬂapper
caused by an electrical signal creates a differential pressure
at the spool ends. As the spool moves due to the differential
pressure generated at the spool ends, a restoring torque is
developed on the ﬂapper through the mechanical feedback
spring. In addition, the cantilever ﬂexure tube has a rotational
stiffness and a translational stiffness. Desirable control strate-
gies in the double nozzle-ﬂapper ﬂow control servo valves are
the torque balance and the force balance, which ensure that the
ﬂapper returns back to the neutral position and the spool
attains the equilibrium position.3.1. Kinematic analysis of torque motor
The net torque applied on the armature–ﬂapper assembly
owing to an input differential electrical signal is given by
Td ¼ KtDiþ Kmh ð1Þ
where Td is the torque produced by the torque motor, Kt is the
electromagnetic torque constant of the torque motor, Km is the
magnetic spring stiffness of the torque motor, Di is the differ-
ential electrical signal applied to the coils, and h is the angular
displacement of the armature.
As shown in Fig. 2, the displacement of the cantilever ﬂex-
ure tube start xt can be described as:
xt ¼ xg þ r1h ð2Þ
where xt is the displacement of the ﬂexure tube start, xg is the
translational displacement of the armature–ﬂapper assembly’s
center of gravity, and r1 is the distance between the center of
gravity of the armature–ﬂapper assembly and the ﬂexure tube
start.
With the moving of the ﬂapper, the differential pressure on
both sides of the nozzles drives the spool to slide a displace-
ment of xv, and thus the ﬁctitious displacement of the spool
xvf and the displacement of the ﬂapper xf can be given by:
xvf ¼ xg  ðrþ bÞh ð3ÞFig. 3 Sketch of the single nozzle-ﬂapper valve.xf ¼ xg  rh ð4Þ
where r is the distance between the center of gravity of the
armature–ﬂapper assembly and the nozzles, and b is the dis-
tance between the central line of the nozzles and the central
line of the spool.
Based on the material mechanics, the cantilever ﬂexure tube
spring stiffness can be acquired by using the following
equations:
k11 ¼ EI=ðL3=12Þ
k12 ¼ k21 ¼ EI=ðL2=6Þ
k22 ¼ EI=ðL=4Þ
8><
>: ð5Þ
where k11, k12, k21, and k22 are the stiffness coefﬁcients of the
cantilever ﬂexure tube, E is the Young’s modulus for the can-
tilever ﬂexure tube, I is the moment of inertia of the cantilever
ﬂexure tube, and L is the length of the cantilever ﬂexure tube.According to multi-degree-of-freedom dynamics theory and
material mechanics, the force and torque produced by the can-
tilever ﬂexure tube owing to its deﬂection can be described as:
Ftube
Ttube
 
¼ k11 k12
k21 k22
 
xt
h
 
ð6Þ
where Ftube is the force produced by the cantilever ﬂexure
tube and Ttube is the torque produced by the cantilever ﬂexure
tube.
A sketch of the single nozzle–ﬂapper valve is shown in
Fig. 3. Here, p1 is the nozzle inlet pressure and p0 is the dis-
charged pressure. The pressure distribution on the ﬂapper
from p1 to p0 is a logarithmic relationship. When the distance
between the nozzle and the ﬂapper is small compared with the
diameter of the nozzle, this logarithmic relationship can be
simpliﬁed as a linear relationship.22
It has been stated that the signiﬁcant force on the ﬂap-
per is resulted from the static pressure acting on the nozzle
area projected onto the ﬂapper. The dynamic pressure also
acts on the nozzle area projected onto the ﬂapper, and it is
of interest to include this effect. Hence, the region occupied
by the ﬂuid is divided into three parts. The ﬁrst part of
these regions is subject to pressure p1 acting on the nozzle
area, the second part is subject to a linear gradient pressure
between pressure p1 and pressure p0 acting on one ﬂapper
area, and the third part is subject to pressure p0 acting
on the remaining ﬂapper area. Therefore, the ﬂow force
through the left nozzle acting on the ﬂapper can be
expressed as
FL ¼ p1
p
4
D2Nþp0
p
4
ðD2f D2NÞ
þp
Z Dforce
2
DN
2
p1þ
p0p1
DforceDN ðDDNÞ
 
D
2
dD ð7Þ
where FL is the ﬂow force through the left nozzle acting on the
ﬂapper, p1 is the pressures on the left side of the spool, DN is
the internal diameter of the nozzle, Dforce is the pressure divi-
sional diameter, p0 is the discharged pressure, and Df is the
diameter of the ﬂapper.
When the ﬂow through the variable throttle oriﬁce is lami-
nar, at this time Dforce = Df, and Eq. (7) can be changed as:
FL ¼ p1
p
4
D2N þ
p
12
ðDf DNÞ
 Dfð2p0 þ p1Þ þDNðp0 þ 2p1Þ½  ð8Þ
When the ﬂow through the variable throttle oriﬁce is turbu-
lent, at this time Dforce = DN, and Eq. (7) can be changed as:
FL ¼ p1
p
4
D2N þ p0
p
4
ðD2f D2NÞ ð9Þ
1608 C. Liu, H. JiangSimilarly, the ﬂow force through the right nozzle can also be
obtained, and thus the net ﬂow force acting on the ﬂapper
can be written as:
Fnozzle ¼ FL  FR ð10Þ
where FR is the ﬂow force through the right nozzle acting on
the ﬂapper.
The actual displacement of the feedback spring at its end is
xg  (r + b)h  xv, and thus the force produced by the feed-
back spring can be described as:
Ff ¼ Kf½ðrþ bÞh xg þ xv ð11Þ
where Ff is the force produced by the feedback spring and kf is
the stiffness of the feedback spring.
Apply Newton’s second law and multi-degree rigid-body
kinetics to the armature–ﬂapper assembly. Equilibrium equa-
tions of torque and force on the armature–ﬂapper assembly
can be given by
Td ¼ J d
2h
dt2
þ Br dh
dt
þ Ttube þ Ffðrþ bÞ þ Tnozzle
Fnozzle þ Ff ¼ md
2xg
dt2
þ Bt dxg
dt
þ Ftube
8><
>: ð12Þ
where J is the moment of inertia of the armature–ﬂapper
assembly, Br is the damping coefﬁcient for rotation of the
armature–ﬂapper assembly, Tnozzle is the torque produced by
the net ﬂow force, m is the mass of the armature–ﬂapper
assembly, and Bt is the damping coefﬁcient for translation of
the armature–ﬂapper assembly.
Changing the form of Eq. (12), the torque-motor stage
dynamics can be written as a state-space equation:
_h
_x
_xg
_vg
2
6664
3
7775 ¼
0 1 0 0
ðKfðrþbÞ2þk21r1þk22KmÞ
J
Br
J
ðk21KfðrþbÞÞ
J
0
0 0 0 1
ðKfðrþbÞk12k11r1Þ
m
0 ðKfþk11Þ
m
Bt
m
2
6664
3
7775
h
x
xg
vg
2
6664
3
7775
þ
0 0 0
Kt
J
KfðrþbÞ
J
pD2
N
r
4J
0 0 0
0 Kf
m
pD2
N
4m
2
6664
3
7775
Di
xv
pLp
2
64
3
75 ð13Þ
where x ¼ dh
dt
; vg ¼ dxgdt ; pLp ¼ p1  p2, and p2 is the pressure on
the right side of the spool.
3.2. Mathematical model of double nozzle-ﬂapper valve
When the ﬂapper deﬂects a displacement xg  rh from the neu-
tral position, the ﬂows through the nozzles at both sides are
given by the following equations:
Q3 ¼ CdfpDN½xf0  ðrh xgÞ
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
2
q
ðp1  p0Þ
s
ð14Þ
Q4 ¼ CdfpDN½xf0 þ ðrh xgÞ
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
2
q
ðp2  p0Þ
s
ð15Þ
where Q3 and Q4 are the ﬂows through left and right variable
throttle oriﬁces, respectively. Cdf is the ﬂow coefﬁcient of the
variable oriﬁce, xf0 is the distance between the nozzle and
the ﬂapper when the ﬂapper is at the middle place, and q is
the density of hydraulic oil.In addition, the ﬂows through the ﬁrst ﬁxed oriﬁce at both
ends are described as follows:
Q1 ¼ Cd1A1
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
2
q
ðps  p1Þ
s
ð16Þ
Q2 ¼ Cd1A1
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
2
q
ðps  p2Þ
s
ð17Þ
where Q1 and Q2 are the ﬂows through the ﬁrst oriﬁce at both
ends, Cd1 is the ﬂow coefﬁcient of the ﬁrst ﬁxed oriﬁce, A1 is
the area of the ﬁrst ﬁxed oriﬁce, and ps is the supply pressure.
The ﬂows Q3 and Q4 through the second ﬁxed oriﬁce get
together, and the total ﬂow Q0 goes back to the return pipe
whose pressure is nearly atmospheric pressure. Thus the total
ﬂow Q0 can be expressed as:
Q0 ¼ Cd0A0
ﬃﬃﬃﬃﬃﬃﬃﬃ
2
q
p0
s
ð18Þ
where Q0 is the ﬂow through the second oriﬁce, Cd0 is the ﬂow
coefﬁcient of the second ﬁxed oriﬁce, and A0 is the area of the
second ﬁxed oriﬁce.
The ﬂuid compressibility effect at either end of the spool and
the leakage ﬂow are considered, and according to the ﬂow con-
tinuity theory, the nozzle–ﬂapper stage dynamics are given by
_p1 ¼ beV1 ½Q1 Q3  Avvv  KLðp1  p2Þ
_p2 ¼ beV2 ½Q2 Q4 þ Avvv þ KLðp1  p2Þ
(
ð19Þ
where be is the compressibility of hydraulic oil, V1 and V2 are
the enclosed volumes on each side of the spool, Av is the area
of the spool, vv is the speed of the spool, and KL is the coefﬁ-
cient of the leakage ﬂow.
When there is no electrical signal, the armature–ﬂapper
assembly and the spool are at their null positions, i.e.,
xg = 0 and h= 0. The relationship among these ﬂows can
be described as:
Q1 ¼ Q3 ¼ Q2 ¼ Q4 ¼
1
2
Q0 ð20Þ
According to Eqs. (14)–(18) and (20), p1, p2, and p0 can be
obtained
p1e ¼ p2e ¼ 1eþ1 ps
p0e ¼ 4feþ1 ps
(
ð21Þ
where e ¼ ðCd0A0CdfpDNxf0Þ2½ðCd0A0Þ2þ4ðCdfpDNxf0Þ2 ðCd1A1Þ2 and f ¼
ðCdfpDNxf0Þ2
½ðCd0A0Þ2þ4ðCdfpDNxf0Þ2 
.
At this time, Eqs. (14)–(17) are linearized at null positions, and
substituting these linearized equations into Eq. (19) yields
_p1 ¼ beV0 ½Kcp1  Kxxg þ Khh Avvv  KLðp1  p2Þ
_p2 ¼ beV0 ½Kcp2 þ Kxxg  Khhþ Avvv þ KLðp1  p2Þ
(
ð22Þ
where Kx ¼ CdfpDN
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
2ðp1sp0eÞ
q
q
, Kh ¼ rKx, Kc ¼ Cd1A1ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
1
2qðpsp1eÞ
q
 CdfpDNxf0
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
1
2qðp1sp0eÞ
q
, and V0 is the enclosed
volume on one side of the spool when the spool is at its neutral
place.
Let pLp ¼ p1  p2, and then equation (22) can be written as
_pLp ¼ be
V0
½ðKc  2KLÞpLp  2Kxxg þ 2Khh 2Avvv ð23Þ
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It is found that the servo valve dynamics should not depend on
the actuator pressure and the ﬂow rate as they do in the non-
linear model, in order to make the servo valve good for use.
The net force on the spool comes from the differential pres-
sure, inertia force, friction force, and the restoring force of
the feedback spring. Thus according to Newton’s second
law, the spool dynamic is given by
_xv
_vv
" #
¼
0 1
Kf
mv
Bv
mv
" #
xv
vv
" #
þ
0 0 0
Av
mv
KfðrþbÞ
mv
Kf
mv
" # pLp
h
xg
2
664
3
775 ð24Þ
where mv is the mass of the spool and Bv is the damping coef-
ﬁcient of the spool.
3.4. Transfer function of electro-hydraulic servo valves
Combining Eqs. (13), (23) and (24), the mathematical model of
two-stage electro-hydraulic servo valves can be described as a
state-space equation:_h
_x
_xg
_tg
_pLp
_xv
_vv
2
666666666664
3
777777777775
¼
0 1 0 0 0 0 0
 KfðrþbÞ2þk21r1þk22Km
J
Br
J
 k21KfðrþbÞ
J
0  pD2Nr
4J
 KfðrþbÞ
J
0
0 0 0 1 0 0 0
KfðrþbÞk11r1k22
m
0  Kfþk11
m
 Bt
m
pD2
N
4m
Kf
m
0
2Khbe
V0
0  2Kxbe
V0
0
ðKp2KLÞbe
V0
0  2Avbe
V0
0 0 0 0 0 0 1
 KfðrþbÞ
mv
0 Kf
mv
0 Av
mv
 Kf
mv
 Bv
mv
2
666666666664
3
777777777775
h
x
xg
vg
pLp
xv
vv
2
666666666664
3
777777777775
þ
0
Kt
J
0
0
0
0
0
2
666666666664
3
777777777775
Di ð25ÞAccording to Eq. (25), the transfer function of two-stage
electro-hydraulic servo valves can be obtained as
xvðsÞ
DiðsÞ ¼
b0s3 þ b1s2 þ b2sþ b3
s7 þ a1s6 þ a2s5 þ a3s4 þ a4s3 þ a5s2 þ a6sþ a7 ð26Þ
where ai and bi are called model coefﬁcients which are
explicitly in terms of the system physical parameters and
reveal several model structural properties. These coefﬁcients
can be used for sensitivity analysis and design of servo valve
dynamics in various ways. If only some parameters of servo
valves are known, this proposed model can identify the
unknown parameters from experimental data. It can also
test the inﬂuence on the servo valve dynamics of a given
parameter.
It is obvious to know that the derived mathematical model
of two-stage electro-hydraulic servo valves is a seventh-order
model. This model is different from the models developed by
Merritt and Kim. Merritt has derived a third-order model of
the following form1:
xvðsÞ
DiðsÞ ¼
K3
s3 þ h1s2 þ h2sþ h3 ð27Þ
where K3 and hi are called model coefﬁcients.Kim has derived a ﬁfth-order model of the following
form3,4:
xvðsÞ
DiðsÞ ¼
n0sþ n1
s5 þm1s4 þm2s3 þm3s2 þm4sþm5 ð28Þ
where ni and mi are called model coefﬁcients.
Because it is assumed that the armature–ﬂapper assembly
has one degree of freedom in both Merritt’s model and Kim’s
model, besides the spool valve resonance, the pressure feed-
back on the ﬂapper and the ﬂow forces on the spool are
neglected in Merritt’s model. Therefore, this new mathematical
model assuming the armature–ﬂapper assembly with two
degrees of freedom is a supplement to the ﬁfth-order model
and the third-order model, which will be validated in the fol-
lowing simulation.
4. Simulation procedure
There is a two-stage electro-hydraulic servo valve simulation
model based on physical laws in software AMESim. In order
to validate the model derived in this paper, the AMESim sim-
ulation model, the ﬁfth-order model derived by Kim, and thethird-order model derived by Merritt are used to compare with
the seventh-order model derived in this paper. The basic
parameters of this two-stage electro-hydraulic servo valve are
given in Table 1. The transfer functions of these three mathe-
matical models are given in Appendix A. Fig. 4(a) shows the
frequency responses of these three mathematical models and
the AMESim simulation model. Fig. 4(b) shows the time step
responses of these three mathematical models and the AME-
Sim simulation model when Di = 1 mA.5. Results and discussion
From Fig. 4(a), it can be seen that the seventh-order model ﬁts
the AMESim simulation model more closely than the ﬁfth-
order model and the third-order model. More speciﬁcally,
the frequency response of the seventh-order model is almost
the same as that of the AMESim simulation model from
10 Hz to 10000 Hz. In contrast, an obvious difference exists
between the frequency response of the ﬁfth-order model and
that of the AMESim simulation model, although the difference
is smaller than that between the third-order model and the
AMESim simulation model. Besides, the frequency response
of the third-order model starts to deviate from that of the
Table 1 Parameters of the two-stage electro-hydraulic servo
valve.
Parameter Value Unit
m 0.0055 kg
J 5.8 · 107 kgÆm2
L 4.8 mm
I 0.275 mm4
E 1.2 · 106 bar
r1 3 mm
r 8.6 mm
b 13.4 mm
Kf 3400 N/m
Kt 2.1834 NÆm/A
Km 7.9456 NÆm/rad
Bt 10 N/(mÆs
1)
Br 0.001 NÆm/(radÆs
1)
xf0 0.06 mm
A1 0.0314 mm
2
A0 0.0707 mm
2
V0 1.1 mm
3
Av 78.54 mm
2
DN 0.4 mm
Df 0.45 mm
q 850 kg/m3
be 17,000 bar
mv 0.01 kg
Bv 50 N/(mÆs
1)
1610 C. Liu, H. JiangAMESim simulation model at 10 Hz in the phase plot and
there is no resonance peak value in the magnitude plot. In
Fig. 4(a), the results show that the magnitudes of the
seventh-order model and the AMESim simulation model
from 1 Hz to 20 Hz are 29.71 dB; however, those of the
ﬁfth-order model and the third model from 1 Hz to 20 Hz
are 30.7 dB.
Fig. 4(b) also describes that the seventh-order model ren-
ders a better agreement with the AMESim simulation model
than the other two models in time step response. It is clear
to know that the steady-state values of the seventh-order
model and the AMESim simulation model are almost the same
with a value of 0.0327 mm. However, the steady-state values ofFig. 4 Frequency and time step responses ofKim’s and Merritt’s models are 0.0292 mm, which signiﬁcantly
deviate from that of the AMESim simulation model.
From the frequency and time step responses, the proposed
seventh-order model can be validated. The differences between
the seventh-order model and the ﬁfth-order model show that
the translational displacement of the armature–ﬂapper assem-
bly has an inﬂuence on the performance of two-stage electro-
hydraulic servo valves, and the differences between the ﬁfth-
order model and the third-order model prove the inﬂuences
of the spool valve resonance and the pressure feedback on
the ﬂapper.
In the AMESim simulation model, to reﬂect physical
behaviors of servo valves, a great amount of algorithm needs
to be run. Besides, there are some nonlinear terms in the AME-
Sim simulation model. It will take a long time and a great
space to ﬁnish the simulation. Fortunately, this seventh-order
model is a linear mathematical model, so it could provide guid-
ance more easily for a linear control design approach and sen-
sitivity analysis. For instance, if the parameters of servo valves
are known, their dynamic characteristics are very clear.
6. Conclusions
The following conclusions can be drawn from this work.
(1) The translational displacement of the center of gravity
of the armature–ﬂapper assembly cannot be ignored,
which has an inﬂuence on the steady-state performance
of the servo valve.
(2) This seventh-order model can reﬂect the physical behav-
ior of the servo valve more precisely than the existing
low-order models, and it could provide guidance more
easily for a linear control design approach and sensitiv-
ity analysis than the AMESim simulation model.
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Appendix A.
The seventh-order model:
xvðsÞ
DiðsÞ¼
2:81531010s3þ4:57251016s2þ6:44231019sþ3:18331025
s7þ1:0243104s6þ2:5856109s5þ1:22341013s4þ1:24661018s3þ2:13161021s2þ9:50241023sþ9:72111026
The ﬁfth-order model:
xvðsÞ
DiðsÞ ¼
2:8153 1010sþ 4:5777 1016
s5 þ 84246s4 þ 1:9276 109s3 þ 3:312 1012s2 þ 1:9215 1015sþ 1:5697 1018
The third-order model:
xvðsÞ
DiðsÞ ¼
2:3957 107
s3 þ 2549:9s2 þ 2:4178 106sþ 8:209 108
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